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Abstract: -The performance of dynamic property of the mount is influenced by multiple factors and strongly
depends on the working conditions. This means that the modal parameters of powertrain mounting system
would make changes under different operating conditions. A novel approach to simulate the actual working
condition is proposed in the testing of dynamic stiffness. Then the mechanical model of powertrain mounting
system based on dynamic stiffness is established in this paper. In order to examine the rationality and accuracy
of the computational model based on dynamic stiffness; experimental modal analysis is performed by multiple
means and methods in this paper. Through the contrast analysis, advantages and disadvantages of these methods
are illustrated and it is shown that using the method of Operational Modal Analysis could obtain more accurate
and more reliable results. Based on the experimental and evaluation results, it is shown that there is smaller
relative error and higher fitting degree between the calculation results based on dynamic stiffness and the
results obtained from operational modal analysis. Moreover, the proposed method also enjoys satisfactory
consistency with the actual working condition.
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1 Introduction actual conditions, the mount is working under certain
Other than road-tire excitation, powertrain is one of frequency and amplitude of excitation, which is
the major sources of vibration in the vehicle. It Closely related to the dynamic stiffness [5].
transmits vibration energy caused mostly by the Therefore, co_mpu'gatlonal reSl_JIts frgm the _model
unbalanced engine disturbances to the passenger based on static stiffness are inconsistent with the
compartment through powertrain mounting system. actu_al situation. Taklr!g th_e idle speed condition of
The vehicle powertrain mounting system, generally, engine as an example in this paper, a novel approach
consists of a powertrain and several mounts to simulate the actual working condition is proposed
connected to the vehicle structure [1]. Besides in the process of dynamic stlffnfass testing. Then the
supporting the powertrain weight, the major function mechanical model of powertrain mounting system
of powertrain mounts is to isolate the unbalanced based on dynamic stiffness is established. By
engine disturbance force from the vehicle structure. comparison the computational results respectively
Accurate understanding of the dynamic properties of frpm the model_based on static stiffness and dynamic
powertrain mounting system is a main reference of stiffness, the differences between two methods are
vehicle vibration controlling and NVH enhancement demonstrated. ) o
[2]. Thus, establishing a feasible mechanical model In order to examine the rationality and the
of powertrain mounting system or accurately accuracy of the computational model based on
acquiring its  dynamic  properties  through dynamic stiffness, multiple means and methods are
experiments play an important role in system design used to obtain the natural frequencies of mounting
and optimization [3]. The main purpose of this paper system t_hrough expe.zr-lmental modal_ analysis in th!s
is to present a comprehensive theoretical analysis and paper. First, the traditional hammer impact testing is
experimental research on the dynamic properties of carried out. In the process of the experiment, it’s
powertrain mounting system. found that applying different mass of hammer could
In some studies, the stiffness matrix in the model cause quite different results. This is due to the
of powertrain mounting system is constructed based nonlinear characteristics of the stiffness of mounts.
on static stiffness of mounts [4]. However, in most To avoiding such deficiency of traditional hammer
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impact method, operational modal analysis is
adopted to identify the modal parameters in the idle
speed condition of engine.

Furthermore, the modal parameters, which
calculated from mechanical model based on static
stiffness and that based on dynamic stiffness, are
compared respectively with the identification results
obtained under different experimental modal analysis
method. Through the contrast analysis, advantages
and disadvantages of these methods are illustrated
clearly.

2 Theoretical analysis and calculation
In this section, the equations of motion of powertrain
mounting system are presented. An approach to
establish the mechanical model based on dynamic
stiffness and based on static stiffness is discussed.

2.1 Mechanical model of vehicle powertrain
mounting systems

Modes are characterized as either rigid body or
flexible body modes. Up to six rigid body modes,
three translational modes and three rotational modes
could exist in all structures [6]. If the structure
bounces on some soft springs, its motion
approximates a rigid body mode [7].

Because the powertrain’s natural frequencies of
the flexible modes are much higher than that of the
mounting system, it can be modeled as a rigid body
which has six degrees of freedom: three translational
motions and three rotational motions [8]. The
powertrain is supported on vehicle frame by some
mounts. Each mount can be represented by three
mutually perpendicular sets of spring and viscous
damper in each of the three principal directions,
which defined are asu,v and w. With the
three-point mounting system as an example, the
simplified mechanical model is shown in Figure 1.

Define a Cartesian coordinate system G, — XYZ
as system coordinate, the origin of the coordinate
system G, is in static equilibrium position of
powertrain’s center of gravity. X axis points to
the backward direction of wvehicle, Y axis is
parallel to the direction of engine crankshaft, and
Z axis is vertically upward. Moving coordinate
system G, —xyz moves with the powertrain [9].
The generalized coordinates of the system is defined as
three translational coordinates x,y,z relative
to X,Y,Z, and three rotational coordinates 6,,6,,0,

around X,Y,Z . It can be written as
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[al=[x y z 6 6, 6.

X
Fig.1 Mechanical model of mounting system

The dynamic equations of powertrain mounting
system can be written as the matrix form:
)

[M][G]+[CI[a]+[K][a]l =[F].

where [M] is mass matrix of the system, [C] is
damping matrix of the system, [K] is stiffness
matrix of the system and [F] is a 6x1 vector of

excitation forces and moments.

Ignoring damping and external force, the
differential equations of the system’s free vibration
can be obtained. Analysis equation of system’s
inherent characteristics could be presented as

[M][a]+[K][a]=0.

Mass matrix of the system [M] can be written as

(3

mo O 0 0 0]
Omo 0 0 0
0O 0m 0 0 O0
MI=lg o o I, 3, -,
000 -3, J, -J,
00 0 -J, -3, J,
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where m is the total mass of the powertrain, J; is

the powertrain’s moment of inertia around each axis.
Stiffness matrix of the system [K] can be written

as
[K]=2 (8] (R [k )8 )

where [k;] is stiffness matrix of mount i:

K, 0 0
[k]=| 0 k O
0 0 k

Wi

[B.] refers to the position matrix of mount i :
100 0 1z -y
[B]=|0 1 0 -z 0 x

001 vy -x O
where x,Y;,z; isthe coordinate of mount i.
[T.] is angle matrix between the elastic principal

axis of mount and system coordinates, which can be
written as

cosa, COSf, COSy,
[T.]=| cosa, cosp, cosy,
cosa, COsp, cosy,

For equation (3),
solution is

assuming the theoretical

[al=[X;Isin(ot +a). (4)
Take equation (4) into (3), and the following
equation can be obtained as

[KI[X;]1= &/ [MI[X;]. (5)
Then
[K]-w?[M]=0. (6)
And the natural frequency of the system is
fi=wl2rx. @)

The circular frequency of the system is the
eigenvalues of the matrix [M]'[K]. And the
corresponding shape of vibration is the eigenvector
of the matrix [M]'[K] . Thus, the natural
frequency and the shape of powertrain mounting
system can be obtained by solving eigenvalues and
eigenvectors of the matrix [M]7[K].

2.2 Calculations of modal parameters based
on the static stiffness of the mounts

The performance of powertrain mounting system
depends on the stiffness characteristic of the mount,
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which is used to construct the stiffness matrix in the
mechanical model. Static stiffness is the ratio
between the static load variation and the
displacement variation, which could be calculated
by the equation:
k=2F
AS

where AF and AS can be tested by using
Electronic universal testing machine. The schematic
diagram of testing is shown in Figure 2.

Specialized fixture
Fig.2 Static stiffness testing of the mount

The distinction is made between the static and
the dynamic stiffness on the basis of whether the
applied load has enough acceleration in comparison
to the structure’s natural frequency. A static load is
one which varies sufficiently slowly. Static stiffness
can be obtained in this process.

Take static stiffness values of each mount into
the equation (6), and the natural frequencies of
powertrain mounting system can be obtained. The
results calculated are listed in Table 1.

Table 1 Calculated modal parameters of mounting
system based on the static stiffness
Modes order Natural frequency (Hz)

1 6.06
8.17
8.59
12.71
16.07
20.41

oo~ lwiN

2.3 Calculations of modal parameters based
on the dynamic stiffness of the mounts

A dynamic load is one which changes with time
fairly quickly in comparison to the structure's
natural frequency. In general, dynamic stiffness
depends on three factors: preload, excitation
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frequency and the amplitude of dynamic load [10].
For powertrain mounting system supported by three
mounts, the value of preload equals to the total mass
of powertrain, which is distributed to each mount at
vertical direction. This is a space force problem,
which can be easily calculated. The excitation
frequency and amplitude of dynamic load are
determined by the corresponding working
conditions [11]. The value of excitation frequency
and amplitude of dynamic load at certain operating
condition can be obtained through vibration
measurement. Then exerting the load of equivalent
frequency and amplitude on the mount using
vibration testing equipment, the value of dynamic
stiffness can be acquired properly. This simulation
of testing condition is consistent with the actual
situation.

In typical idle speed condition of the engine, for
example, acceleration response signals can be
measured by accelerometer fixed on the side of
mount [12]. The excitation frequency on the mount
can be obtained through using the Fast Fourier
Transform (FFT) of acceleration response signals
[13]. And the amplitude of dynamic load can be got

by twice integration of acceleration response signals.

A sample of frequency spectrum response in the
vertical direction from left mount under idle speed
condition can be seen in Figure 3. The diagram
shows that the vibration energy of left mount is
mainly concentrated in 27Hz. It means that the
dominant frequency of excitation is 27Hz. So the
input signals of 27Hz can be excited on the mount in
the dynamic stiffness testing.

0.08|
o)
kel
Sl
o2
i Tk
0.00 L 127.0 A
0.0 Hz 64.0

Fig. 3 Frequency spectrum of left mount in the idle
speed condition

Using the approach described above, the preload,
dominant excitation frequency and amplitude of
input signals can be obtained. Then the dynamic
stiffness of all mounts at all directions can be
measured by vibration testing machine [14]. The
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schematic diagram of dynamic testing is shown in
Figure 4.

Specialized fixture

Force sensor [ —>
1 1 z

Acceleration sensor

Fig. 4 Dynmic stiffness testing of the mount

Take dynamic stiffness values of each mount
acquired through the approach above into the
equation (6), the natural frequencies of powertrain
mounting system in the idle speed condition can be
obtained. The results calculated are listed in Table 2.

Table 2 Calculated modal parameters of mounting
system based on the dynamic stiffness
Modes order Natural frequency (Hz)

1 8.05
11.85
12.58
13.16
15.57
16.52

oW iN

2.4 Comparison between two groups of
calculation results

— - @ - —Based on dynamic stiffness
— —& — Based on static stiffness
20 A
/7
N
I @
S5 | A
[ 7
S _.e- X
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K
5 |
1 2 3 4 5 6
Modes order

Fig.5 Comparison between two groups of
calculation results
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Natural frequencies calculated from the mechanical
model based on static stiffness are compared with
the results based on dynamic stiffness, shown in
Figure 5. Obvious differences between the two
groups of results could be found out in the graph.
The relative error of the third order frequency
reached 46.4%, which indicates that calculation
model based on static stiffness is not consistent with
the actual working condition. As for the method
based on dynamic stiffhess, it’s required to be
further verified by the experimental modal analysis.

3 Experimental modal analysis of

powertrain mounting system

In this section, the experimental modal analysis is
used to identify the modal parameters of powertrain
mounting system. Through contrastive analysis of
the experiment and the theoretical calculation, the
rationality of calculation model based on dynamic
stiffness can be verified.

3.1 Experimental modal analysis based on the
impact hammer testing

Impact testing is the most classical modal testing
method used today. According to the theory of
experimental modal analysis, the modal parameters
of the system can be identified through the curve
fitting of the Frequency Response Function (FRF),
which is the ratio between a response (output
acceleration) signal and a reference (input force)
signal expressed in frequency domain [15]. Impulse
force can be provided by the impact hammer which
has a force transducer attached to its head to measure
the input force. Acceleration response signals can be
measured using accelerometers fixed on the surface
of the system [16]. The process of impact hammer
testing is depicted in Figure 6 and Figure 7.

-

[ ‘
Impulse Response

| _FFT L

=\
urv Modal

M" Fit/ | Parameters

FRE

Fig. 6 Method of experimental modal analysis
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Different sized hammers can provide different
impact forces. Here, the test is performed
respectively using two kinds of impact hammers
with different sizes. The magnitude of impact force
produced by big hammer is about ten times of the
small hammer.

e - BN o
Fig. 8 Different size of impact hammer

Table 3 lists the experimental results identified
through these two impact testings.

Table 3 Experimental modal results of mounting
system based on the impact hammer testing

Modes Natural frequency (Hz) Relative

order | Small hammer | Big hammer error
1 6.91 6.95 0.6%
2 7.74 8.23 6.3%
3 8.36 9.60 14.8%
4 10.40 13.07 25.7%
5 13.46 16.12 19.8%
6 17.24 19.24 11.6%

According to the characteristics of the Frequency
Response Function, the magnitude of impact force
should not influence the results in experimental
modal analysis. Table 4 shows that there are obvious
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differences between the modal parameters obtained
from the testing using small hammer and those
using big hammer. This phenomenon is due to the
non-linear relationship between the dynamic
stiffness of the mount and the frequency and
amplitude of the excitation force. The stiffness
performance of the mount varies under different
impact forces.

These experiments indicate that the modal
parameters will vary with working conditions due to
the change of dynamic stiffness values of mounts.
Therefore, It is unable to obtain accurate modal
parameters of mounting system under actual
working conditions using traditional experimental
method based on impact hammer testing.

3.2 Operational modal analysis

Traditional Experimental modal identification
method and procedure such as impact hammer
testing is based on forced excitation laboratory tests
during which Frequency Response Functions are
measured. However, the real loading conditions to
which the mounting system is subjected often differ
considerably from those used in laboratory testing.
The method of operational modal analysis is to
extract modal frequencies, damping and mode
shapes from data taken under operating conditions
[17]. This means that environmental and its natural
excitation influences on system behavior, such as
preload of mounts and dynamic-load-induced
stiffening, will be taken into account [18]. The
identification results under the actual working status
will more accurately reflect the actual dynamic
characteristics of the mounts [19].

Acceleration sensor
-

Powertrain

\4

LMS data acquisition system

A 4

Operational Modal analysis

Fig. 9 Testing and analysis procedures of
operational modal analysis

Attach the accelerometers on the surface of the
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powertrain, Measure the vibration response signals
of the powertrain mounting system in idle speed
condition and the modal parameters can be obtained
by using identification methods of operational
modal analysis. Testing and analysis procedures are
shown in Figure 9, Figure 10 and Figure 11.

¥ B _...---I“I .
; PO \\x.‘iﬁ.af-i‘# [ : A‘
Fig. 10 Test environment and real operating status
of powertrain mounting system

>\

Fig. 11 Online acquisition and analysis

The experimental modal parameters of
powertrain  mounting  system identified by
operational modal analysis at the idle speed
condition are listed in Table 4. Evaluation of the
results will be given in the next section.

Table 4 Experimental modal results of mounting
system based on operational modal analysis

Mode order Natural frequency (Hz)
1 8.50
2 12.34
3 13.38
4 13.85
5 16.92
6 17.76
3.3 Results comparison of the three

experimental modal analyses
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Experimental modal analyses of powertrain
mounting system have been performed described
above using three different test methods and means.
Thus, three groups of natural frequency of the
mounting system have been obtained already. The
comparison of these experimental identification
results is shown in Figure 12.

— - &-—Smallhammer ---B--- Big hammer
— -@ — Operational
20 n
g P e
> 15 - / e
= ’/0",{' A
= , e
I 10 - // /.,' ./.‘
¢ l’;'-—t/
[
5 |
1 2 3 4 5 6
Modes order

Fig. 12 Results comparison of the three
experimental modal analyses

The graph shows that there are obvious
differences among the three groups of results. In
theory, the natural frequency of a linear system is
the inherent property of the system itself, and should
not vary with the working conditions or the
excitation force. The essential difference between
the three experiments is the exciting force imposed
on the mounting system, which causes the dynamic
characteristics of mounts to change accordingly.
Thus the inherent dynamic characteristics of the
entire mounting system also vary with the different
conditions. The result of contrastive analysis
verified that the modal parameters of powertrain
mounting system will change with different working
conditions from the perspective of experimental
analysis.

4 Comparison between theoretical

calculation and experimental analysis
In Figure 13, Natural frequencies, which calculated
from the theoretical model respectively based on
static stiffness and that based on dynamic stiffness,
are compared with the experimental results
identified using the method of operational modal
analysis.
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— - — bperimental (Operational modal analysis)
— - & - — Calculated (Based on dynamic stiffness)
-- -l - - Calculated (Based on static stiffness)
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Fig. 13 Results Comparison between theoretical
calculation and experimental analysis

Obviously, there is smaller relative error and
higher fitting degree between the calculation results
based on dynamic stiffness of mounts and the results
obtained from operational modal analysis, and the
relative error between them of every order
frequency is less than 8% as shown in Figure 14.
While, there is large error between the calculation
results based on static stiffness and the results
obtained from operational modal analysis, for
example, the relative error between them of the third
order frequency is even more than 55%.

O Based on static stiffness

B Based on dynamic stiffness
< 50% ]
=
O 40% |
8
S 3% H
s
2 20%
=
w 10% —i

L Lm O e el
1 2 3 4 5 6
Modes order

Fig. 14 Error of theoretical calculation relative to
operational modal analysis

In the testing of dynamic stiffness, frequency and
amplitude of excitation force applied on the mount
is measured under the idle speed condition, and the
operational modal analysis is performed at the same
condition. So it could conclude that the mechanical
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model proposed based on such dynamic stiffness
can simulate the dynamic behavior of the mounting
system under the actual working condition more
accurately.

5 Conclusions

Dynamic stiffness of the mount has a strong
nonlinear nature. The performance of dynamic
property of the mount is influenced by multiple
factors and strongly depends on the working
conditions. This means that the modal parameters of
powertrain mounting system could make changes
under the different operating conditions. [20-27]

In this paper, a novel approach to simulate the
actual working condition is proposed in the testing
of dynamic stiffness. Based on the experimental and
evaluation results, it is shown that stiffness matrix in
the mechanical model of powertrain mounting
system should be constructed based on dynamic
stiffness of mounts in the process of theoretical
calculations. The input parameters required to test
the dynamic stiffness, such as temperature, preload,
frequency and amplitude of excitation force applied
on the mount, should also be measured under the
actual working conditions corresponding to the
study goal.

Aspect of the experimental modal analysis of
powertrain mounting system, using the method of
traditional impact hammer testing may produce
large error and the identification results of modal
parameters are not reliable, while identification
using the method of Operational Modal Analysis
could obtain more accurate and more reliable results
which are also consistent with the actual working
condition.
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